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Abstract— The piston ring-cylinder liner friction pair is one 
of the most important friction pair in IC engines. In previous 
modelling studies, most researches were carried out based on 
a hypothesis that the inner surface of liner is an ideal 
cylindrical shell without considering the effects of dynamic 
deformation on oil film distribution. To investigate the 
potential influences of structural deformations on 
tribological behaviors of cylinder assemblies, the dynamic 
deformation of liner surface was obtained by FEM-based 
dynamic simulation, and then introduced into the lubrication 
model. Different from the traditional lubrication model 
where the pressure stress factor and shear stress factor are 
regarded as constant, this paper calculated these factors in 
real time by numerical integration to achieve more realistic 
simulation results. This study shows that the friction force 
obtained from the improved model manifests obvious 
fluctuations, and shows a significant reduction compared to 
original model. 
Keywords- dynamic deformation; cylinder liner; piston 
ring; oil film lubrication; friction force 
 
I. INTRODUCTION 
The tribological behaviour of piston and rings assembly 
has long been recognized as an important influence factor 
on the performance of internal combustion (IC) engines in 
terms of fuel consumption, power loss, harmful exhaust 
emissions and blow-by [1]. Figure 1 shows a typical 
distribution of the total engine mechanical friction losses 
for a diesel engine. It can be seen that the piston and ring 
assembly accounts for the largest proportion 45~50% of 
friction losses in a diesel engine [2]. To improve the fuel 
efficiency and extend the engine service life, it is essential 
to detailed model the friction and lubrication behaviours 
between the piston rings and cylinder liners of IC engines. 
Research on modelling of piston ring-cylinder liner 
tribological behaviours has been developed for decades. In 
modelling oil film formation and distribution on the 
cylinder liners, the cylinder wall is often taken as being a 
perfect cylindrical surface by the majority of researchers 
[3]–[6]. However, no cylinder liner is perfectly cylindrical 
or of nominal bore radius along its entire length. The liner 
distortion leads to loss of conformity between the piston 
rings and cylinder liner. As a result of liner deformation, 
the drop of piston ring follow-up performance can cause the 
uneven contact and varied friction [7]. 
 
Figure 1.  Distribution of the total mechanical losses of a diesel engine 
[2] 
 
A study conducted by Usman et al. [8] pointed out that 
a distorted cylinder liner will decrease the viscous friction 
force between the piston ring and cylinder liner surfaces 
because the average film thickness between a distorted 
liner and ring is much higher than that between a circular 
liner and ring. Ning et al. [9] conducted a numerical study 
involving the piston and liner system lubrication 
considering the thermal and elastic deformation of the 
cylinder liner, showing that with considering the effects of 
liner thermal distortions, the piston and liner assembly may 
run in a safer situation because the minimum oil film 
thickness (MOFT) is thicker than the original model by up 
to 20%, and the friction losses are correspondingly 
decreased by approximately 4% than the original 
prediction. 
However, all of these attempts to introduce liner 
deformations into lubrication model are confined to the 
category of static deformation or quasi-static deformation. 
There is no high-frequency modal -related deformation has 
been introduced into the lubrication model yet. According 
to the simulation results obtained by G. Li and F. Gu [10], 
the amplitude of liner deformations induced by piston 
slaps is at the order of 0.1 microns, being about 20% of the 
roughness amplitude, which may affect the distribution of 
oil film. To examine the influences of dynamic 
deformation on lubrication performance and the friction 
loss of liners, this paper improves the existing lubrication 
model by introducing dynamic deformations of liner 
surface. 
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 II. SIMULATION OF SURFACE DYNAMIC DEFORMATION 
A. Establishment of Finite Element Model 
Figure 2 shows the three-dimensional model of a single-
cylinder engine. To facilitate the viewing of simulation 
results, the cylinder block is set to be transparent. The 
cylinder liner studied in this paper is made of ductile cast 
iron QT600-3. The material parameters are listed in Table 
I. 
To obtain the instantaneous deformations on the flanges 
at top end and the overall cylindrical shell, the model was 
configured to have 7121 hexahedral isoparametric solid 
elements using ANSYS Workbench. To reduce the need for 
solution time and computing sources, all the other 
components are treated as rigid body in modelling. 
 
Figure 2.  Finite element model of cylinder assembly 
TABLE I.  MATERIAL PROPERTIES OF QT600-3 
Density 
(kg/m3) 
Young’s 
Modulus(Pa) 
Poisson’s 
Ratio 
Bulk 
Modulus 
(Pa) 
Shear 
Modulus 
(Pa) 
7120 1.69e+11 0.286 1.316e+11 6.5708e+10 
Excitation configurations: 
(1) The combustion pressure data collected by the in-
cylinder pressure sensor were introduced into the finite 
element model as the combustion excitation. 
(2) In order to simulate the dynamic deformation of the 
cylinder liner excited by piston knocks, the piston side-
thrust force was calculated according to [10], and the 
calculated force was applied to the piston to strike the 
cylinder liner laterally. 
B. Numerical Evaluations 
For a better understanding of liner dynamic responses 
to two excitations, a numerical analysis was carried out 
based on the established model under an input of either the 
combustion force or piston slap force. Figure 3 presents 
two typical responses respective to the combustion shock 
and piston slap, at crank angle of 370°. 
 
Figure 3.  Total deformation of cylinder liner (Unit: mm) 
It can be seen in Figure 3(a) that the significant 
deformation response to combustion shock is mainly 
appeared and concentrated in the top portion of the liner, 
while the response to piston slap extended throughout the 
entire liner structure, as seen in Figure3 (b). As these 
deformations include the quasi-static deformation due to 
the effect of elastic constraints, the absolute magnitudes of 
maximum deformation reach to about 25 microns and 0.5 
millimetre. After removing translation movement and the 
quasi-static deformations, especially that of Figure3 (b), the 
magnitude information of high-frequency local 
deformations can be obtained. The predicted amplitude of 
local responses is in the order of 0.02 microns due to the 
combustion shock, which may be negligible in predicting 
lubrications between the piston ring and the liner as it far 
less than the roughness magnitudes of the lubricated 
surfaces. However, piston slaps can lead to deformation as 
high as 0.1 micron, being about 20% of roughness 
amplitude. 
III. DEVELOPMENT OF DYNAMIC DEFORMATION BASED 
LUBRICATION MODELS 
As mentioned above, the amplitude of liner 
deformations induced by piston slaps is at the order of 0.1 
microns, being about 20% of the roughness amplitude, this 
may change the distribution of oil film and thus affect the 
lubrication behaviour. Therefore, it is essential to take the 
dynamic deformation into account in the existing oil film 
models. 
A. Governing Eqution 
1) Average Reynolds Equation 
In a mixed lubrication regime, Patir and Cheng’s 
average Reynolds equation [11] describes the isothermal, 
incompressible lubricant behaviour between the ring and 
liner rough surfaces 
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where 𝜙𝑥, 𝜙𝑦 are pressure flow factors, 𝜙𝑠 is the shear 
flow factor, ?̅? is the mean pressure, and σ is the composite 
RMS roughness of ring and liner, U is the piston primary 
velocity, 𝜂 is the lubricant viscosity. 
2) Asperity Contact 
Surface asperities contact occurs only when the 
hydrodynamic pressure is insufficient to separate two 
(a) (b) 
matching surfaces. Greenwood-Tripp’s rough surface 
contact model estimated the asperity contact load based on 
the surface mean separation and other statistical parameters 
[6]. The average contact pressure Pa was related to the 
density of asperities μ, the curvature of asperity of radius β, 
composite surface roughness σ, and composite material 
modulus E. 
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In equations (2) to (4), E1 and E2 are ring and liner 
Young’s modulus, and ν1 and ν2 are ring and liner Poisson’s 
ratio. 
3) Calculation of The Frictional Force 
The shearing of asperities and viscous lubricant film 
generates the friction force in the mixed lubrication regime. 
Viscous friction is attributed to generated shear stress 
arising from entraining motion of the lubricant as well as 
pressure gradient in a converging–diverging wedge. The 
hydrodynamic component of average friction force Fh can 
be predicted by an integration of viscous shear stress across 
the sliding surfaces. 
 𝐹ℎ = ∫ 𝜏𝑑𝐴𝐴  (5) 
Furthermore, to meet different sliding scenarios, the 
local shear stress τ can also be expressed in terms of the 
mean quantities and three empirical shear stress factors 𝜙𝑓, 
𝜙𝑓𝑝 and 𝜙𝑓𝑠. 
The asperity component of friction force is caused by 
contact between the ring surface and cylinder wall. 
 𝐹𝑎 = 𝜇𝑓 ∫ 𝑃𝑎
𝐵 2⁄
−𝐵 2⁄
𝑑𝑥 (6) 
where 𝜇𝑓  is the friction coefficient under lubricated 
contact (boundary lubrication). B is the ring axial thickness. 
The total friction force between the piston ring and the 
cylinder liner is synthesized by two components 
 𝐹𝑓 = 𝐹ℎ + 𝐹𝑎 (7) 
The key parameters used in this study are given in Table 
II, in which the surface parameters are obtained from the 
engine manufacturer. 
TABLE II.  VALUES OF PARAMETERS FOR SIMULATION 
Symbol Nomenclature Value 
𝛔𝟏 Cylinder surface roughness 0.8 μm 
𝛔𝟐 Ring surface roughness 0.4 μm 
r Crank radius 0.057 m 
l Connecting rod length 0.19 m 
e1 Piston ring surface height 0.003 m 
Symbol Nomenclature Value 
B The axial height of piston ring 0.003 m 
𝝆 Oil density 890 Kg/m3 
E1 Liner elastic modulus 122×109 Pa 
E2 Modulus of elasticity of piston rings 165×109 Pa 
B. Improved Film Thickness with Consideration of 
Cylinder Deformation 
For the mathematical model, the initial film thickness 
and film profile are predefined. During the computation, 
the contour of film distribution is changeless; only the 
thickness of the overall film surface is modified to adjust 
the bearing capacity of the film or asperities for achieving 
overall force balance. 
Therefore, introducing the dynamic deformations of 
liner surface, in the form of a predefined condition, into the 
calculation, will not change the core algorithm of Reynolds 
equations, and will not produce any adverse effect on the 
accuracy of the model. 
Figure 4 depicts a conjunction between the piston ring 
and cylinder liner with surface roughness. Here the function 
ℎ𝑇(𝑥) describes the local film thickness, including surface 
roughness. 
 
Figure 4.  Rough piston ring and cylinder liner conjunction: (1) without 
liner deformation (2) with consideration of liner deformation 
For one-dimensional lubrication, the local film 
thickness hT is given by 
 ℎ𝑇 = ℎ + ∆1 + ∆2 (8) 
Where h is the nominal film thickness, ∆1 is the surface 
roughness amplitude of piston ring, ∆2 is the surface 
roughness amplitude of cylinder liner. The nominal 
thicknessℎ = ℎ𝑚𝑖𝑛(𝑡) + ℎ𝑥(𝑥), giving 
 ℎ𝑇(𝑡) = ℎ𝑚𝑖𝑛(𝑡) + ℎ𝑥(𝑥) + ∆1 + ∆2 (9) 
Taking the deformation amplitude of the liner surface 
∆x into account in the film formation model, the nominal 
film thickness can be improved as 
 ℎ𝑇𝑑𝑒𝑓𝑜𝑟𝑚𝑠(𝑡) = ℎ𝑚𝑖𝑛(𝑡) + ℎ𝑥(𝑥)+∆1 + ∆2 + ∆𝑥= 
 ℎ𝑇(𝑡) + ∆𝑥 (10) 
By analogy, for the two-dimensional lubrication, the 
film thickness is given by 
 ℎ𝑇𝑑𝑒𝑓𝑜𝑟𝑚𝑠(𝑡) = ℎ𝑚𝑖𝑛(𝑡) + ℎ𝑥(𝑥)+ℎ𝑦(𝑦) + ∆1 + 
∆2 + ∆𝑥 + ∆𝑦 
             =  ℎ𝑇(𝑡) + Δ𝑥(𝑡) + Δ𝑦(𝑡) 
 =  ℎ𝑇(𝑡) + Δ𝑑𝑒𝑓𝑜𝑟𝑚𝑠(𝑡) (11) 
where, the two-dimensional deformation of the liner 
surface matched with the piston ring is combined with axial 
deformation ∆x and circumferential deformation ∆y. 
C. Improved Stress Factors with Consideration of 
Cylinder Deformation 
Patir and Cheng [12] developed stress factors that 
modify the predicted shear stress acting on a rough surface 
in a highly viscous flow. The average shear stress is given 
by 
 𝜏 =
𝜇𝑈
ℎ
(𝜙𝑓 − 𝜙𝑓𝑠) + 𝜙𝑓𝑝
ℎ
2
(
𝜕𝑝
𝜕𝑥
) (12) 
where τ is the shear stress acting on the ring surface, 𝜙𝑓 
is a geometric factor, 𝜙𝑓𝑠 and 𝜙𝑓𝑝 are the shear stress and 
press stress factor, respectively. 
All stress factors proposed by Patir and Cheng are only 
applicable to artificial Gaussion random rough surfaces, 
and these factors are constants over the entire surface. 
However, the cylinder liner surface are highly non-
Gaussion when considering the dynamic deformation close 
to the order of surface roughness, and the shear stress τ is 
not equal everywhere. Therefore, the local stress factors 
should be calculated locally and real-timely. 
It is necessary to mesh the solve region of ring surface 
with m×n nodes, and to solve the local stress factors in the 
discrete domain using the finite difference method. The m 
and n are the respective number of nodes in the axial and 
circumferential directions. Figure5 shows surface 
interpolation between nodes for stress factor calculation. 
 
Figure 5.  Surface interpolation between nodes for stress factor 
calculation[13] 
The geometric stress factor are functions only of rough 
surface geometry, is defined by 
 𝜙𝑓 = ℎ ∙
1
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∑ ∑
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𝜙𝑓𝑝 is a correction factor for the mean pressure stress 
component of the shear stress, is defined by 
 𝜙𝑓𝑝 =
1
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𝜙𝑓𝑠  is another correction term which arises from the 
combined effect of roughness and sliding, is defined by 
 𝜙𝑓𝑠 =
1
𝑚(𝑛−1)
∑ ∑
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Substituting (13), (14), (15) into (12), then 𝜏  can be 
expressed as 
 𝜏 =
1
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Where 𝐻𝑓𝑝 =
2ℎ𝑖ℎ𝑖+1
ℎ𝑖+ℎ𝑖+1
， 𝐻𝑓𝑠 =
ℎ𝑖−ℎ𝑖+1
ln(ℎ𝑖 ℎ𝑖+1)⁄
 are the 
equivalent heights used to calculate the corresponding local 
shear stress due pressure and shear stress, respectively. 
Then, the average shear stress is given by 
 𝜏 =
1
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Substituting the improved average shear stress equation 
into equation (5), the viscosity friction force between piston 
ring and liner can be calculated in real time. 
IV. RESULTS AND DISCUSSION 
After running throughout an entire working cycle, the 
minimum oil film thickness Hmin and friction forces versus 
the crank angle with and without consideration of dynamic 
deformations can be obtained as seen in Figure 6 and Figure 
7. 
 
Figure 6.  Minimum oil film thickness and friction force of 
compression ring 
Figure6 shows the minimum oil film thickness Hmin for 
the top compression ring versus the crank angle. The lowest 
minimum oil film thickness occurs in the vicinity of the 
dead centres which correspond to crank angles of 0, 180, 
360, and 540 degrees. This prediction agrees with the wear 
pattern observed on the cylinder-liner interface, which 
shows serious wear at the top and bottom of the piston 
stroke. The peak of minimum oil film thickness occurs at 
the middle of the piston stroke, where the maximum 
hydrodynamic action is attained. 
 Figure 7.  Minimum oil film thickness and friction force considering 
dynamic deformation 
As shown in Figure 7, the minimum oil film thickness 
Hmin considering the dynamic deformation of the cylinder 
liner shows significant fluctuations throughout the entire 
operating cycle, especially in the mid-strokes with higher 
sliding speed. The friction curves of the improved model 
also manifest some obvious fluctuations. This indicates that 
the friction and lubrication process of the piston ring-liner 
pair can indeed be affected by the dynamic deformations of 
cylinder liners. 
For comparing and analysing the influence of liner 
deformations to lubrication behaviours, the predicted 
minimum oil film thickness and friction forces with and 
without consideration of dynamic deformations, are drawn 
together in Figure 8. 
 
Figure 8.  Comparison of friction force between the improved and 
original 
The improved minimum oil film thickness Hmin after 
combustion TDC (Top Dead Centre) is slightly fluctuated 
around the original one, while its corresponding friction 
force presents some more complex and significant changes 
in the power stroke, as shown in Figure 8. This may indicate 
that the actual friction and wear behaviours between piston 
rings and liners are far more complex than had been 
previously theoretically estimated. 
In the middle of the piston stroke, the improved friction 
force, mainly the viscous friction force, shows an obviously 
decline compared to the original one. This kind of friction 
reduction may be attributed to the increase of shear stress 
factor 𝜙𝑓𝑠 , as a result of the introduction of surface 
dynamic deformations. 𝜙𝑓𝑠is the correction factor for the 
combined effect of sliding roughness on the shear force[12]. 
With the increase of 𝜙𝑓𝑠, the difference between the sliding 
velocity correction factor 𝜙𝑓  and shear stress factor 𝜙𝑓𝑠 
subsequently exhibited obvious decrease, as seen in 
equation 12. Therefore, the local shear stress τ can be 
reduced accordingly, with the introducing of liner dynamic 
deformations.  
 
Figure 9.  Partial magnification 
As seen in Figure 9, around the combustion TDC at 
360°, the value of asperity friction considering liner 
deformation is lower than that of original model. Due to the 
introduction of dynamic deformation, the lubricating 
condition between the matched surfaces is improved, with 
the help of emergence of many local surface pits and its 
resulting reduction of the effective contact area of the 
asperity contact. This might indicate that the dynamic 
deformation of the liner can help to reduce the asperity 
friction near the combustion TDC, normally regarded as the 
most serious position of wear, and to enhance the operation 
efficiency and service life of engines. 
V. CONCLUSIONS 
In the paper, an improved lubrication model of the top 
compression ring and cylinder liner considering the 
influence of liner dynamic deformation on lubrication 
behaviours has been presented. The related conclusions can 
be made as follows: 
 The minimum oil film thickness and friction forces 
predicted by the improved model manifest obvious 
fluctuations, indicates that the lubrication 
behaviours between the piston rings and liners can 
indeed be affected by the dynamic deformations of 
cylinder structures. 
 The friction forces predicted by improved model 
show a significant reduction with respect to that of 
original model. This suggests that the dynamic 
deformations of the liner surface might be 
beneficial to reduce the friction losses and to 
enhance the operational efficiency of IC engines. 
 The asperity friction force obtained from improved 
model shows an obvious decline around the 
combustion TDC compared to the original model, 
as a result of the reduced effective contact area of 
the asperity contact. 
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